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ABSTRACT: The presented study surveys the methods for analysis, estimation, and technical application of procedures for the systematisation and check of the 
reliability indicators of the driver groups and stations in heavy loaded mining belt conveyors. The base indicators influencing over the reliability are the loading and the 
maintenance and both of them are subjected to a statistical assessment. Some of the particular factors that are the subjects of the methods are investigated in depth. 
The major cases of analysis through modelling of the drive - force – load mechanical system interaction are examined. Basic force, torque, and power dependences 
between the structural assemblies in the driver group and station for the belt conveyor are also examined. Dynamic models for the diver - mechanical system are created 
and analysed. Indicative results are presented in the form of diagrams and tables, which are subject to estimation and comparative analysis to the load in a real 
technological system. 
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РЕЗЮМЕ: В работата се дава обзор на методика за анализ, оценка и техническа изпълнимост на процедури за систематизиране и проверка на показателите 
на надеждността за задвижващи групи и станции за тежконатоварени гумено-лентови транспортьори в условията на минните предприятия. Основните 
фактори, влияещи върху надеждността, са натоварване и поддръжка, като и двата фактора могат да се оценят и статистически. Част от показателите субекти 
на методиката са разгледани задълбочено за отделни частни случаи. Разгледани са основните случаи на моделиране и анализ на натоварването на 
механичната система. Разгледани са основните силови, моментови и мощностни зависимости между възлите в задвижващата станция на гумено-лентов 
транспортьор. Създадени са и са анализирани динамични модели на механичната система, представени са индикативни резултати в графичен и табличен 
вид, като резултатите служат за оценка и сравнителен анализ с натоварването в производствената система. 
 
КЛЮЧОВИ ДУМИ: гумено-лентов транспортьор, надеждност, силов анализ, динамичен анализ 
 

 

 
INTRODUCTION 
 

Rubber belt conveyors /RBCs/ are machines for continuous 
transport in the entire main and supporting range of mining and 
extracting activities for coal, ore minerals, inert earth-rock 
materials, overburden, industrial waste, and ash residues from 
filters and heat plants. RBCs are experiencing a "renaissance" 
in modern technological schemes with the possibility of 
shortening of the transport-conveyance distance of mining 
trucks by installing inclined conveyors through the inmobile 
board of the mine or through inclined transport fabrication, which 
can shorten the truck travel by up to 5 times (Shamsi 2021). Belt 
conveyors are the main means of transport for all activities in 
this type of mining technological scheme, so the importance of 
reliability parameters increases. 

RBCs designed as shown at the scheme in Fig. 2 are 
preferred in mining and ore processing plants - with two drive 
drums onto which two or three drive groups can be installed, 

depending on the location of the specific conveyor in the 
technological scheme of the mine. 

As high-performance machines, the reliability performance 
of RBCs is formed by numerous indicators, with current 
development focusing on driving stations and groupsets. 
Considering various highly loaded RB conveyors installed and 
used in mines of Asarel, Troyanovo-Sever, Troyanovo-1, and 
Troyanovo-3, it should be noted the installed high power 
capacity: 2 to 3 MW per drive station for a continuous production 
cycle at planned preventive maintenance /PM/ times - for 
maintenance work up to 2 hours a day and planned annual 
repairs up to 20 days a year. 

With these indicators, all repair activities should be carried 
out according to a scheme of replacement of nodes in order to 
reduce the time of the maintenance. The use of identical 
conveyors is preferred for the purpose of unit unification under 
production conditions, but with the possibility of reconfiguration 
to ensure the readiness of the conveyor for the particular task or 
stopes.  
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THEORY AND METHODOLOGY 
 

The study is based on the following methodology:  
- general analysis of reliability indicators;  
- analysis of bearings, as elements ensuring movement;  
- analysis of rotating nodes, as subject to 

balance/imbalance;  
- analysis of structural elements and metal structures in 

order to establish loss of stability;  
- dynamic analysis of the driver system for calculation and 

evaluation of resonance areas, shown by the block diagram in 
Fig. 1. 

  
 

Fig. 1. Block diagram of dependencies in dynamic mechanical 
system modelling 

 
The main parameters affecting the durability of the units in 

the driver group and station of the rubber belt conveyor are the 
accidental overloads (Lazov 2018, Lazov 2018, Bortnowski 
2021, Bortnowski 2022) in the range between 1.1 to 1.3 times of 
the nominal, counting that the thermal protections of the drive 
motors would shut down in an emergency at overload from 1.3 
to 1.5 of the nominal.  
 

Reliability parameters 
 

In these ranges, force and moment overload should not 
cause damage or drastic destruction of a part or a node. In this 
setup, the following causes can be distinguished from the known 
causes of damage: fatigue, resonance, random (stochastic) 
overload, and imbalances in balancing the resulting inertial 
overload. 

With generalised parameters of reliability, the following 
values can be defined for the operation (time) without damage 
/TOT/: 

- target operation time – TOTt-1 = 50E3 h; 
- reasonable operation time – TOTr-2 = 20E3 h; 
- net working time per year – TOTA-Y3 = 7500 h. 

At a reported average time to failure for any of the nodes 
listed above – MTTF = 8500 h, the parameters are calculated as 
follows: 

- intensity of failures – IF = TOTi/MTTF; 
- failure rate assuming an exponential distribution of the 

failure and survival function:  FRi = l = IF/TOTi 
- survival function: S(t) = exp(-l*t) 

 
Fig. 2. Scheme of a RBC with the main elements 
 

Table 1. Calculated reliability parameters 
TOTa-y3 7550 h   

TOTt-1 50000 h   

TOTt-r-2 20000 h   

MTTF=TOTt-r-3 8500 h   

z =  1 3 15  

IF1 0.151 0.5 2.3  

IF2 0.378 1.1 5.7  

IF3 0.888 2.7 13.3  

l1 = FR1 2.00E-05 6.0E-05 3.0E-04  

l2 = FR2 5.00E-05 1.5E-04 7.5E-04  

l3 = FR3 1.18E-04 3.5E-04 1.8E-03  

 S(t, z=1) S(t, z=3) S(t, z=15) t, h 

S1(t,z),% 86.07 63.76 10.54 7500 

S1(t,z),% 74.08 40.66 1.11 15000 

S1(t,z),% 63.76 25.92 0.12 22500 

 
The results for the reliability parameters are shown in Table. 

1 for different number of driver groups z. The different number 
of driver groups is determined by the location and inclination of 
the RBC in the general mine transport scheme. 

With the values set in this way, it could be seen from Table 
1 that with an average reported survival time MTTF=8500 h, the 
survival function calculated for net operation time per one year 
(t=7500 h) for 15 groups (z=15) is 10%, or in other words - repair 
dead time should be planned to replace a group at about 784 
working hours. 

 

 
Fig. 3. Block diagram of the driver group 
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Load and life-cycle of bearings 
 

 
Fig. 4. Electric motor shaft with suspended masses 

 
Figure 3 shows the block diagram of the driver group and 

Figure 4 - the scheme for loading and supports of the shaft of 
the electric motor. According to these schemes, the indicators 
of the nodes, drive, and suspension, as well as the indicators of 
the bearings are calculated. The scheme in Figure 3 presents 
the kinematic drive chain, namely: engine – hydrodynamic 
clutch – clutch/brake – reducer – drive drum. The suspension of 
the reducers and the drive drum is the same, namely the drive 
drum bearings, the reactive forces from the drive drum are 
transmitted through the reducer housing and frame to the 
reaction rod. 
 

Table 2. Calculation indicators of the bearings of the considered 
electric motor (Nedyalkov 2008; SKF 2023) 

 
 

At an established mode of operation with a constant load, 
the bearings of all equipment are calculated for a life of 20 to 50 
thousand hours, as the last column of Table 2 presents a result 

for the example calculation of a 630 kW, 6 kV, 1370 rpm, 450L 
motor for the ratio of the calculated bearing life to 50 thousand 
hours (L10h/50*10E3), at different support reactions. This ratio 
guarantees a safety coefficient for bearing life with ranges over 
the limit of 50,000 hours. It could be seen that for both bearings 
of the electric motor, the values of this coefficient significantly 
exceed one. The different support reactions for the same rotor 
are determined by the different clutches or belt drives mounted 
on the motor shaft. 

The results in Table 2 show that even in the most severe 
load case presented in row 8, both motor bearings have a life 
twice the limit of 50,000 hours. The frequency calculation of the 
considered bearings for a fixed mode is presented in Table 3, 
and these results also do not show an intersection of the 
frequency characteristics of the bearings with those of the rotor 
of the electric motor. 
 
Table 3. Frequency calculation of electric motor bearings 
(Nedyalkov 2008; SKF 2023) 

 
 
 

Mechanism and dynamic model 
 

The driver system for the first step of idealisation can be 
idealised to the model shown in Fig. 5. A model shown (OSMC 
2023, SimX 2023) in this figure was synthesised and developed 
in order to study the starting and braking processes in the 
conveyor through a single-mass model with variable load 
parameters. The model allows changing both the type and form 
of resistances and the type and form of starting and braking 
procedures. The main purpose of the presented model is to 
allow the study of atypical combinations in the load cases of the 
driver electric motor, as well as different characteristics of the 
starting process. 

 

 
Fig. 5. Dynamic model of the driver group
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The starting processes in transporters are a serious 
research topic (Lodijewiks 2006, Daijie He 2016) for industrial 
research because of the idealizations and restriction from the 
laboratory equipment. The type of starting and braking 
processes determine the length of the start and the average load 
during the starting procedure (Harrison 1986, Harrison 1983, 
Gladysiewicz 2019). Figure 6 shows the power, torque, and 
angular velocity results of the electric motor for starting process 
using a start-up procedure for belt stresses lightening (Nuttall, 
2007). 
 

 
Fig. 6. Example diagram of electric motor parameters for the 
starting process 

 
   The simplified start-up procedure of belt conveyors (Nuttall 
2007) uses a dependency of the following type: 
 

𝑖𝑠𝑡𝑎𝑟𝑡 = 𝐼𝑛 ⋅
𝑘𝐼

2
 ⋅ [1 − cos (

𝜋 ⋅ 𝑡

𝑡𝑠𝑡𝑎𝑟𝑡

)] , 𝐴 

where:  
In is the nominal current of the electric motor;  
kI is the start-up coefficient as foe current for the electric 
motor; 
tstart is the time for starting. 

Figure 6 presents the motor performance from a simulation 
for a starting duration of 10s, showing an average starting power 
of 680 kW. It can be seen that there is no overload for all the 
modeled processes. 
 

Critical speed of the motor shaft 
 

The balancing of all machines for industrial use goes 
through several stages, and the permissible static balance of the 
corresponding rotating part is indicated in the passport data of 
the machine. Also, for most machines, passport data is available 
for the permissible misalignment during installation and 
operation. A resulting parameter from these two indicators is the 
vibration load of the mounted machine unit, whose measurable 
indicator is the permissible vibration speed or vibration 
acceleration of the housing or other main part. This measurable 
indicator is significantly influenced by the state of bearing units 
(Nedyalkov 2008; SKF 2023), and systems for continuous 
control of machine and unit indicators very often use a signal 
from such type of sensors to track wear or damage in bearings 
and associated nodes. A system of this type operates with 

multiple points by traversing and recording the signal from the 
various points and providing a signal or report to the dispatcher. 

 
Fig. 7. Example diagram of the turbo clutch indicators for the start-
up process 

 
While the static balancing as described above is a relatively 

well-defined process and industrial procedures are available to 
manage the performance of machines depending on it, in 
dynamic balancing of rotating nodes and machines things are 
not so well set (IEC 60034- 1). Critical rpm of rotating shafts are 
the subject of serious research and development in turbine 
machines, internal combustion engines, etc., but in standard 
unified medium-speed machines (up to 3000 rpm) such 
information is missing. Example: electric motor catalogues do 
not list [OMEC 2023, Helmke 2023] rotor weight data, only its 
mass moment of inertia. Data are given for the bearings, and the 
permissible force on the motor shaft in terms of belt or chain 
gear tension, but no data are given for the permissible mass of 
the clutch with the corresponding assembly. 

The effects in the presence of bending oscillations of the 
motor shaft with their corresponding critical rpm are one of the 
few deterministic approaches to elucidate a correlation between 
a rotating rotor and a change in bearing responses during that 
rotation. 

The idealised scheme of critical rpm calculation gives the 
ratio: 
 

𝜔0𝑖 = √
𝑐𝑠ℎ

𝑚𝑖−𝑑𝑖𝑠𝑘
 , 𝑟𝑎𝑑/𝑠, 

 

where: 
csh is the stiffness of the shaft for the corresponding 
section 
mi-disk is the mass of the corresponding disk.  

In this computation model, it is assumed that only the shaft 
is deformed, and all other details, including the bearings, are 
non-deformable. The stiffness of the shaft is calculated by 
various methods and calculation systems, while most often the 
mass is known. For a console part of the shaft, a centrally loaded 
shaft with a distributed load and a concentrated force, the 
dependencies are known: 
 

𝑐𝑐𝑜𝑛 =  
3 ⋅ 𝐸𝑦 ⋅ 𝐽𝐴

𝐿𝑖
3 , 𝑁/𝑚 

𝑐𝑏𝑞 =  
384 ⋅ 𝐸𝑦 ⋅ 𝐽𝐴

5 ⋅ 𝐿𝑖
3 , 𝑁/𝑚 

𝑐𝑐𝐹 =  
48⋅𝐸𝑦⋅𝐽𝐴

𝐿𝑖
3 , 𝑁/𝑚, 

 

where: 
Ey is the modulus of elasticity of the shaft material,  
JA is the moment of inertia of the shaft section,  
Li is the length of the corresponding section, 
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ccon – is console part stiffness, 
cbq – is distributed load stiffness, 
ccF – is stiffness corresponding to concentrated load.  

On the other hand, shaft stiffness can be calculated by: 
 

𝑐 = 𝐹𝑖/𝑤𝑠𝑡  , 𝑁/𝑚 , 
 

where wst is the static sag under the force Fi. This dependence 
allows the connection of deformations in the shaft with its critical 
revolutions. 

When experimentally measuring the critical rpm of the 
shafts, it is considered that the above dependences are 
estimated, in other words, there is a deviation between the 
measured value and the calculated value. It is accepted that the 
critical rpm for real machines are estimated as a critical area 
with a range of about 80 to 120% of the calculated critical 
angular speed. Dependencies for evaluating the mutual 
influence of several critical masses also give a deviation from 
the measured value, and the Dunkerley or Rayleigh methods 
can be used. 
 

𝜔0−𝐷𝑢𝑛𝑘𝑒𝑟𝑙𝑒𝑦 ≅ √
1

𝜔1
2 +

1

𝜔2
2 +. . . +

1

𝜔𝑖
2 , 𝑟𝑎𝑑/𝑠  

 

𝜔0−𝑅𝑎𝑦𝑙𝑒𝑖𝑔ℎ ≅  √
𝑔 ⋅ ∑𝐺𝑖 ⋅ 𝑤𝑖

∑𝐺𝑖 ⋅ 𝑤𝑖
2 , 𝑐𝑦𝑐𝑙𝑒𝑠/𝑠 

 

These calculations were carried out for the selected engine 
and clutch and the results are given in Table 4. Since the 
formulae above are estimated (approximate), they allow the 
interpretation of at least two cases of loading and deformations 
in the shaft. The first case assumes the stiffness of the shaft as 
maximum possible; in other words, the rotor stiffens the shaft, 
which fits into the requirements of standard IEC 60034-1. The 
second case assumes the stiffness of the shaft according to its 
section. 
 
Table 4. Frequency calculation of shaft – rotor system 

    nn, rad/s| Hz| rpm 145 23 1380 
 mi wi-ст ci w0-i f0-i  

  kg mm kN/mm rad/s Hz rpm 

shaft 229 0.1352 17.7 277.7 44.2 2652 

rotor (shaft 
stf) 1637 0.1352 

17.7 104.0 16.5  993 

rotor 1637 0.0002 70.8 207.9 33.1 1985 

Turbo 
coupling 650 0.0112 

604.6 964.5 153.5 9210 

case - stiff     
Rayleigh 
Dunkerley 

190.4 
203.2 

30.3 
32.3 

1819 
1941 

case - soft     
    Rayleigh 

Dunkerley 
54.3 

103.4 
8.6 

16.4 
  519 
  987 

 
The second case corresponds to a double (or repeatedly) 

bent elastic line of the shaft, when the entire load is transmitted 
only through the shaft. The assessment of critical rpm and areas 
is presented in the last row of the Table. 4, both values being 
below the engine's rated operating speed. The Rayleigh 
estimate is expectedly very low (47% lower), and the Dunkerley 
estimate is 0.58% - the lowest frequency for a single mass on 
the shaft. Dunkerley's formula estimate is 71.5% of the rated 
engine rpm. At critical revolutions, the bearing load cannot be 
calculated with the formulae from the previous section. The 
dynamic force on the bearing is: 

Fdyn−b =  cb ⋅  wd, 
 

Which, for a deformation of about 150um (as much as the 
standardised clearance in the bearing) for the considered case, 
corresponds to ~6 kN force in the axial direction. This force is 
enough to drop the bearing's durability from 50,000 hours to 
20,000 hours. 
 
 

Conclusions 
 

The presented methodology and computing models make it 
possible to evaluate the influence between a driver system with 
a rotating load (torque) and the power load on the bearings of 
the electric motor by considering the effects of bending 
vibrations in the shaft. The dynamic model allows to perform a 
simulation with an overload of the system, the action of which 
overload is about 10 s, and the angular speed of rotation of the 
turbine wheel of the hydrodynamic clutch is in the critical zone 
calculated in Table 4. 

In order to upgrade and improve the methodology, it is 
necessary to develop a research model for the modal study of 
the electric motor shaft and the masses attached to it using the 
Finite Element Method. With precise three-dimensional 
modelling, setting the correct characteristics of the materials, the 
position of the masses, and, particularly important, the correct 
support connections and reactions, the accuracy of the method 
can reach 2.5%, which for a similar task is an excellent result. 

The future development of the methodology necessarily 
includes recording of experimental data, as the real system has 
more than two fixed masses to the shaft of the electric motor. 

The effects of critical rpm on electric motors are not well 
represented at the cataloguing and standardisation level. In the 
catalogues, the maximum level of information includes the 
dimensions and type of bearings of the electric motor and 
tabulated values of the permissible forces acting on the motor 
shaft for installation reasons, which is not sufficient for the 
correct calculation and evaluation of the effects of the critical 
revolutions on the rotor. In order to evaluate the effects of 
bending oscillations on the electromagnetic force created by the 
rotor and the electromagnetic imbalance in a completeness 
sufficient for engineering practice, additional information is 
needed to parametrise a model including mechanical and 
electromagnetic interactions. 
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